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Abstract

Fluted tube-in-tube condensers are key components in advanced energy efficient water heating heat pumps. There-
fore, there exists a need for a computer design tool that incorporates all the essential features of these heat exchangers.
This paper describes the development of a detailed model to simulate fluted tube refrigerant-to-water condensers. The
model allows the surface area to be divided into any number of sections for which all the refrigerant and water prop-
erties can be evaluated. This allows for the extension of the model to simulate heat exchangers for cycles employing
zeotropic refrigerant mixtures. For the waterside existing empirical equations are used for both friction and heat
transfer. However, on the refrigerant side no correlations are available in the literature to calculate friction and heat
transfer coefficients. The approach followed in this paper is therefore to use existing smooth tube correlations com-
bined with enhancement ratios based on correlations available for helical coils as well as enhancement factors based on
empirical data for fluted tube condensers. The model is validated with the aid of results from independent tests on two
commercial fluted tube heat exchangers. The average difference between the simulated and measured pressure drops is
7.27% and the average difference for the log mean temperature difference (LMTD) is 4.41%.
© 2003 Elsevier Science Ltd and IIR. All rights reserved.
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Mod¢élisation des performances de condenseurs de pompe a
chaleur a tubes rainurés, pour chauffage d’ecau
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1. Introduction

The refrigerant-to-water heat exchanger for conden-
sing the refrigerant forms an important component of
any heat pump/refrigeration cycle. One reason for this is
that the overall effectiveness of the cycle is influenced by
the effectiveness of heat exchange in the condenser. It is
desirable to keep the temperature difference, AT,
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between the refrigerant and the water in the condenser
as small as possible. This leads to a lowering in the AT
over which heat must be transferred and thus to an
increase in the coefficient of performance (COP). The
type of water heat exchanger concentrated on in this
study is a fluted tube heat exchanger, with water in the
centre in counter-flow with the refrigerant in the twisted
annulus. Fig. 1 illustrates the geometry of a typical flu-
ted tube heat exchanger.

Fluted tube condensers are able to produce high heat
transfer coefficients on both sides of the transfer surface
by enhancing the flow conditions for both sides. The
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Nomenclature

0 Helix angle

0* Non-dimensional helix angle

i Viscosity (N-s m~?2)

n Effectiveness

0 Density (kg m™3)

Age Sub-cooled area (m?)

Ag Superheated area (m?)

Ay Two-phase area (m?)

Aiotal Total heat transfer area (m?)

Cp Specific heat capacity (J kg=! K1)
APhelical Pressure drop in helical coils (Pa)

Apsiraighe  Pressure drop in straight tubes (Pa)

deoil Helical friction parameter (m)

Dy Hydraulic outside diameter (m)

D; Volume based inside diameter (m)

D, Volume based outside diameter (m)

e Flute depth (m)

e* Non-dimensional flute depth

ep Friction enhancement factor

én Heat transfer enhancement factor

f Friction factor

helical Helical coil friction factor

Jstraight Straight tube friction factor

Iy Inside heat transfer coefficient (W m—2
K1

hiig Liquid heat transfer coefficient (W m—2
K1

h, Refrigerant enthalpy (J kg™!)

hp Two-phase heat transfer coefficient (W
m—2 K™

k Thermal conductivity (W m~! K1)

L Length of fluted tube (m)

m Mass flow rate (kg s~1)

N Number of flute starts

NTU Number of transfer units

Nu Nusselt number

Nupelical Nusselt number for helical coils

NUgiraight  Nusselt number for straight tubes

p Flute pitch (m)

p* Non-dimensional flute pitch

pr Pressure ratio

Pr Prandtl number

(0] Heat transfer (W)

Omax Maximum heat transfer (W)

Iy Friction enhancement ratio

'h Heat transfer enhancement ratio

Re, Reynolds number water

Re, Reynolds number refrigerant

Re, Vapour Reynolds number

t Wall thickness (m)

T: Refrigerant temperature (K)

Ty Water temperature (K)

U Overall heat transfer coefficient (W m—2
K-

Vol Volume enclosed inside fluted tube (m?)

X Quality

water heat transfer coefficient is improved by micro-
circulation of the water without a significant increase in
the pressure drop. Heat transfer in the annulus is
improved by the following two phenomena. In the first
instance the condensate is drawn towards the corners of
the channels by surface tension, clearing the remaining
surface in contact with the hot gas. Secondly, the liquid
phase experiences some micro-circulation, particularly
towards the outlet side, leading to the replacement of
cold liquid next to the surface with hotter liquid. This

4
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Surface area view

leads to only a relatively small increase in the pressure
drop.

In the condenser a counter-flow arrangement is used
to obtain the maximum heat transfer where it is possible
to achieve outlet water temperatures above the conden-
sing temperature and approaching the superheat tem-
perature of the refrigerant gas. This is illustrated in
Fig. 2 where the cold inlet water is at T, and the hot
outlet water is at T4. It is clear that Ty is higher than
the refrigerant condensing temperature, which is

Refrigerant— [}
Water
Do
v

Cross-sectional area

Fig. 1. Geometry of fluted tube condenser.
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Fig. 2. Temperature distribution in condenser.

between T, and 7,3 due to the water exchanging heat
with superheated refrigerant gas which is at a higher
temperature than the condensing temperature. The rea-
son for the refrigerant being sub-cooled (74), is that this
leads to a lower enthalpy and quality at the entrance to
the evaporator. This means that more heat transfer can
take place in the evaporator.

Due to the complexity of the fluted tube geometry it is
difficult to select the proper condenser size without the
use of a computer program. The purpose of this paper is
to describe the development of a simulation model for
the design of fluted tube water heating condensers. The
next section shows the philosophy followed to simulate
both the water side and the refrigerant side of the fluted
tube condenser. For the water side existing empirical
equations found in the literature are used for both fric-
tion and heat transfer. However, on the refrigerant side
no correlations are available in the literature to calculate
friction and heat transfer coefficients. The approach
thus followed in this paper is to use existing smooth
tube correlations combined with enhancement ratios
based on correlations available for helical coils and
enhancement factors based on empirical data for fluted
tube condensers.

2. Theoretical background
2.1. Fluted tube geometry

Fig. 1 shows a surface area view as well as a cross-
sectional view of the fluted tube including the para-
meters describing the heat exchanger geometry. The
outer diameter of the annulus is designated as D, and is
simply equal to the inside diameter of the outer tube.

Due to the complex flower-like shape of the inner
fluted tube, the concept of “volume based diameters” is
used rather than the conventional diameters associated
with a circular cross-section. The volume based
diameter is defined as the equivalent diameter of a
circular cross-section that will result in the same
enclosed volume inside the tube. The volume based

inside diameter of the fluted tube (D,;) is therefore
calculated as

4Vol
Dy =,/ 7 M

with Vol the volume enclosed inside the fluted tube and
L the length of the fluted tube. The volume based out-
side diameter of the fluted tube (D,,) is calculated as

Dyo = Dy +2t (2)

with 7 the wall thickness of the tube. The cross-sectional
flow areas of the annulus and the fluted tube can there-
fore be calculated directly from D, Dy, and D.;.

The other important geometric parameters are the flute
depth (e) and the flute pitch (p) which are defined in Fig. 1.
The flute depth and pitch are non-dimensionalised to
obtain ¢* and p" respectively by dividing with D,;. The
helix angle () is also required and is calculated as follows:

D,
0 = arctan (T[Npo> 3)

with N the number of flute starts at any cross-section.
The helix angle is also non-dimensionalised to 6* by
dividing by /2.

2.2. Pressure drop

Three different pressure drop regions exists namely (i)
single-phase pressure drop for the water flowing inside
the inner fluted tube, (ii) two-phase refrigerant pressure
drop in the annulus as well as (iii) single-phase refriger-
ant pressure drop for the superheated refrigerant gas
and sub-cooled refrigerant liquid in the annulus.

2.2.1. Inner fluted tube

Arnold and Christensen et al. [1] have conducted
extensive empirical work on flow inside fluted tubes and
have developed correlations for the Darcy—Weisbach
friction factor (see for instance Shames [2]). The friction
factor (f) is dependent on the Reynolds number (Re,,)
and geometry as follows: Re,, < =1500

64.0
/= 0‘554<Rew - 45.0)

% (6*)0'384([7*)7 1.4544-2.083¢* (0*)72.426 (4)
Re,, > 1500
f‘: 1.209(Rew)70.261 (6*)1'2670‘05‘[7*

(p*)—l.66+2‘033.()* (9*)—2.699+3.67.e* ®

Re,, is based on the volumetric inside diameter (D,;) and
average water velocity.
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2.2.2. Annulus

The annulus can effectively be simulated as a number
of helical coils in parallel. A so-called ‘friction enhance-
ment ratio’ is employed in both the single and two-
phase regions to determine the pressure drop in the
helical coils. The friction enhancement ratio (ry) is
defined as the ratio of the effective friction factors when
comparing helical and straight tubes namely:

_ Jhelical ©)

re = .
fstraight

For the calculation of the friction enhancement ratio,
Jstraight 1s based on the standard single-phase correlation
by Swamee and Jain [3] for straight tubes while fpcjica; 1S
calculated from the single-phase correlation put forward
by Das [4] for helical coils namely:

dcoil
Dh 0.3621 e 0.6885
+ 17.5782Re 317 (—°> ( ) :
dcoil Dho

In the correlation above Dy, is given by the difference
between the inside diameter of the outer tube and the
outside volumetric diameter (D,,). deoj 1S given by
Dyo/sind. This single-phase enhancement ratio is
assumed to also apply to the two-phase region. There-
fore, once it has been determined, the pressure drop in
the helical coils (Appelical) for both the single and two-
phase regions can be calculated by obtaining the pres-
sure drop in straight tubes (Apsiaign) and then multi-
plying it by ry.

The two-phase pressure drop for straight tubes is
dependent on the refrigerant quality and is based on the
correlation by Traviss et al. [5] which states that:

APpstraight = 0-09Re\70‘2)€l‘8

0.5237]2
1—x\* G? ®)
1”'“("“*0‘1(7‘) "3'5> Do

with G the mass flux. The refrigerant properties i.e.
quality (x), density (p), and viscosity (u) are determined
at the average refrigerant temperature in the tube sec-
tion being analysed. Re, is based on the vapour prop-
erties of the refrigerant at the average temperature.

In the simulation model allowance was made for an
additional enhancement factor (ef) to account for the
differences between standard helical coils and the actual
fluted tube annulus. The total pressure drop was there-
fore calculated as:

D 0.5
Jhelical = 4|:0.079Rev0'25 + 0.075( h°>
()

Ap = erry Apstraight~ (9)

The value of the ¢; was determined by comparing
simulated results with measured data for a commercial
fluted tube heat exchanger and will be addressed later
on in the paper.

2.3. Heat transfer coefficients

Three different heat transfer modes are applicable
namely (i) single-phase heat transfer for the water flow-
ing inside the fluted tube, (ii) single-phase heat transfer
for the superheated refrigerant gas and sub-cooled
refrigerant liquid in the annulus as well as (iii)) two-
phase condensing heat and mass transfer in the annulus.

2.3.1. Inner fluted tube

The inside heat transfer coefficient is based on corre-
lations from extensive empirical work by Arnold and
Christensen et al. [1]. The Nusselt number (Nu) is
dependent on the Reynolds number (Rey,) as follows:
Re,, < =5000

Nu = 0.0 14Reev.842 (e*)70.067(p*)70.293 (0*)70.705131.0.4 (10)

Re, > 5000
Nu = 0.064Re?,;773(e*)70'242(p*)70'108(9*)0'599Pr0'4 )

The Prandtl number (Pr) is determined by Pr= %
and the inside heat transfer coefficient by
Nuk

hi = .
l Dvi

2.3.2. Annulus

According to the Chilton—Colburn analogy (see for
instance Incropera and DeWitt [6]) the heat transfer
enhancement ratio (r,) for simple geometries should be
approximately equal to the friction enhancement ratio.
Therefore, the Nusselt number for helical coils is calcu-
lated as:

Nupelical = €n’n NUstraighe With r, = 7. (12)

Allowance is again made for an additional enhancement
factor (ep,) to cater for differences in the helical coil and
fluted tube annulus as well as other deviations from the
assumptions originally made in the friction-heat transfer
analogy. The value of ¢, was determined by comparison
between the simulated and measured results and will be
addressed later. It was again assumed that the single-phase
enhancement ratios also apply to the two-phase region.

The calculation of Nugyigne for the single-phase
regions is based on the standard Dittus—Boelter corre-
lation (Incropera and DeWitt [6]) namely:

Nusgraight = 0.023Re**Pr4, (13)
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The two-phase heat transfer coefficient is based on the
technique used by Shah [7] where the liquid heat trans-
fer coefficient (/) is first determined with the aid of the
Dittus—Boelter equation. This is then adjusted for the
average quality of the refrigerant in the tube section
being analysed as follows:

3.8x076(1 — )%
pro38

htp = hliq |:(1 - x)0.8+ (14)

with pr equal to the ratio of the local static pressure to
the critical pressure of the refrigerant.

3. Simulation model

The inputs to the condenser model are the fluted tube
geometry, the refrigerant type, the refrigerant mass flow
rate, the refrigerant inlet enthalpy where it leaves the
compressor, as well as the water mass flow rate and inlet
water temperature. The refrigerant inventory is not
simulated based on a detailed void fraction model such
as the one found in Orth [8]. The approach used is to fix
the fraction of condenser volume that is filled with sub-
cooled liquid refrigerant. The rationale for this is that
due to the high density of the liquid, the volume of sub-
cooled liquid in the system will remain virtually
unchanged over a wide range of operating conditions.
Our measurements have proven this to be a sufficiently
accurate approach, especially given the deficiencies of
current void fraction models. For this approach, either
the degree of sub-cooling or the fraction of the volume
containing sub-cooled liquid must therefore also be
specified as input. The simulation model makes use of
refrigerant property tables that can also be extended for
zeotropic mixtures.

The simulation model is based on the algorithm
shown in Fig. 3. Initial estimations are made for the
size of the heat exchanger sections associated with the
superheated and sub-cooled regions as well as the con-
densing temperature (7},). The heat exchanger area is
divided up into a specified number of finite increments
each representing a section of tubing as shown in the
left of Fig. 4. This allows for the extension of the model
to simulate heat exchangers for cycles employing zeo-
tropic refrigerant mixtures. The number of areas is
adjusted so that the phase interfaces coincide exactly
with section interfaces. This means that the user speci-
fied number of areas is adjusted to include two extra
areas as illustrated with the help of a pressure—enthalpy
diagram in Fig. 4.

Given the geometry of each section, the heat transfer
coeflicients and pressure drops can now be determined
using the correlations and enhancement factors descri-
bed above. Once the pressure levels at each section
interface are known, the inlet temperature, phase inter-

hy and AT, or [, fixed |y, | Divide into new areas, with
Guess T, A Ag, two-phase divided into
constant quality increments

\ 4
Find U and Ap for each A

A 4

Find pressure levels Find T, T3, T,y

A
Work from 4 to 3, find intermediate T and h values

C,
P
NTU ->n—>Q—->h->T ﬂ

At 3, find new area
A | Cpe Q fixed

m - Q. x>N—>NTU -5 A

“Cp.min max

A 4
Work from 3 to 2, find intermediate T and h values

¢
P
To>NTU->n->Q,,.—>Q—>h 4——|

max

At 2, find new area
A, ¢ < fixed
Q- Q>N NTU > A

A

sh ~ Amml - Alp - Asc ‘

A 4
Work from 2 to 1, find intermediate T and h values

c
P
NTU->n->Q—>h->T ﬂ

A 4
At 1, calculate new T
T Q fixed

C
P
NTU »>n—>Q, ..~ T j

max

Fig. 3. Flow diagram for the condenser simulation routine.

face temperatures and outlet temperature can be
obtained. Starting at the sub-cooled liquid side, each
section is then solved iteratively to obtain a heat balance
between the water and the refrigerant while the area of
the section is adjusted to satisfy the effectiveness—NTU
equation for counter-flow given the calculated heat
transfer coefficient. Having worked through the whole
condenser once, new superheat and sub-cooled areas as
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Table 1

Refrigerant Sub-  1oo-Phase ., Super-
cool heat
Refrigerant
1 “— 5| 4 | 3 | 2 1
2 A
Pl
3 e H
z 4 /3
2
@
had
v =
Water

v

Enthalpy

Fig. 4. Pressure-enthalpy diagram for the fluted tube con-
denser.

well as a new value for the condensing temperature are
obtained. This whole procedure is then repeated until no
further adjustments in areas or condensing temperature
are required.

4. Verification

In order to obtain suitable values for the enhance-
ment factors and to verify the simulation model, simu-
lations were conducted for two commercial fluted tube
heat exchangers for which results of independent tests
were made available by the manufacturer. For each heat
exchanger twelve sets of experimental data exists
including for the refrigerant side: (i) condenser inlet
pressure and temperature, (ii) condensation tempera-
ture, (iii) condenser outlet pressure and temperature,
(iv) degree of sub-cool, and (v) mass flow rate. The
experimental data for the waterside consisted of (i) inlet
water pressure and temperature, (ii) outlet water pres-
sure and temperature, and (iii) mass flow rate. The geo-
metrical parameters of both fluted tube heat exchangers
are listed in Table 1.

An optimisation routine was linked to the simulation
model and used to obtain a single value for e; and ey,
resulting in the best fit between the empirical and simu-
lated pressure drops and log mean temperature differ-
ence for all the data sets. The resultant values of er and
e, were 4.409 and 0.867 respectively.

Figs. 5-7 show the good comparison obtained
between the simulated and measured results. The aver-
age difference between the simulated and measured
pressure drops is 7.27% and the maximum difference is
30.76%. From the figures it can be seen that only one
point, which corresponds to the same data set for all
three graphs, shows a large error between the measured

Geometrical parameters for two fluted tube heat exchangers

Fluted coil 1

Fluted coil 2

Fluted tube material Copper Copper
Fluted length 6.9 m 8.0 m
Inside diameter of outside tube 40.8 mm 40.6 mm
Volume inside fluted tube 3.93x1073 m? 3.66x1073 m?
Number of flute starts 5 4
Flute depth 6.7 mm 6.8 mm
Flute pitch 12.1 mm 17.8 mm
Wall thickness of fluted tube 1.02 mm 0.97 mm
90 4
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-
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© | | |
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8 .
240
8
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5 /
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4 Fluted coil 1
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Simulated pressure drop [kPa]

Fig. 5. Simulated versus measured pressure drop.
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Fig. 6. Simulated versus measured log mean temperature dif-
ference.
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Fig. 7. Simulated versus measured heat transfer rate.

and simulated results. Based on the accuracy obtained
with all the other data points, it is suspected that this
deviation may be due to inaccuracies in the measured
data. If this single data point is ignored the average dif-
ference is 6.24% and the maximum difference 16.7%.

When comparing the log mean temperature difference
(LMTD) between the simulated and measured results it
can be seen from Fig. 6 that the average difference is
4.41% and the maximum difference is 33.25%. If the
single deviating point is again ignored it results in an
average difference of 3.19% and a maximum difference
of 7.35%. Fig. 7 shows that the measurements covered a
sufficiently wide range of heat transfer rates. The aver-
age difference between the simulated and measured heat
transfer rates is 0.45% and the maximum difference is
3.81%. If the same data point as above is ignored the
average difference is 0.3% and the maximum difference
0.65%.

Another important result is the condensation tem-
perature obtained with the simulation model. The con-
densation temperature provides an indication of the
head pressure provided by the compressor. In order to
obtain the correct simulated refrigerant mass flow rate
in the cycle, the simulated head pressure must be accu-
rate. As shown in Fig. 8 the average difference between
the simulated and measured condensation temperature
is 0.91% and the maximum difference is 5.69%. If the
same data point as above is ignored the average differ-
ence is 0.7% and the maximum difference 2.33%.

The value of ¢, =0.867 implies that if the heat transfer
coeflicient for simple helical coils were used on its own,
the heat transfer rate would be over-predicted for the
fluted tube annulus. This is mainly due to the fact that
part of the heat transfer area of the annulus on the

60 1

50

40

30

20

Measured condensing temperature [°C]

+ Fluted coil 1
W Fluted coil 2
——45° line

T T T T 1

0 10 20 30 40 50 60
Simulated condensing temperature [°C]

Fig. 8. Simulated versus measured condensation temperature.

outside of the outer tube is not in contact with the water
inside the inner tube as can be seen from the fluted tube
geometry in Fig. 1. This means that the effective heat
transfer area in the fluted tube is approximately 87% of
that of the analogous helical tube.

The value of e;=4.409 implies that the pressure drop
in the fluted tube annulus is much higher than that of a
corresponding smooth helical tube. This is realistic since
the manufacturing process is such that the annulus is no
longer simply a smooth channel but rather contains many
indentations and rougher areas along the flow path.

Fig. 9 shows one example of the good comparison
obtained for the temperature distribution through the

70
60 ‘\

40
30 ¥

Temperature [°C]

- - 4 - - R22 Experimental
10 —— R22 Simulation
- - #l - - Water Experimental
—@— Water Simulation
0 T 1
1 . 4
Position

Fig. 9. Temperature distribution through condenser.
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condenser on both the refrigerant and waterside. The
reason for the straight line of the measured water tem-
perature is that only the inlet and outlet water tempera-
tures were obtained from the manufacturers, whereas
the simulation determines the water temperature at each
section of the condenser.

Even though the measurements of only two different
fluted tubes were evaluated here, the results show that
the approach followed here is valid. However, an
extension of the study including results for a wider
range of fluted tube heat exchangers would be
desirable.

5. Conclusions

This paper described a detailed model to simulate
fluted tube refrigerant-to-water condensers. The model
allows the surface area to be divided into any number of
sections for which all the refrigerant and water proper-
ties can be evaluated. This allows for the extension of
the model to simulate heat exchangers for cycles
employing zeotropic refrigerant mixtures. The model
incorporates a simplified approach to simulate the
influence of refrigerant charge that negates the need for
a complicated void fraction model. The model is based
on the effectiveness-NTU method and incorporates
appropriate refrigerant-side heat transfer coefficients for
the superheated, two-phase and sub-cooled regions
given the detailed geometry of the heat exchanger.
Existing empirical equations are used for both friction
and heat transfer on the water side. However, on the
refrigerant side no correlations are available in the lit-
erature to calculate friction and heat transfer coeffi-
cients. The use of existing smooth tube correlations

combined with enhancement ratios based on corre-
lations available for helical coils as well as enhancement
factors based on empirical data for fluted tube con-
densers are the approach used in this paper. The model
was validated successfully with the aid of results from
independent tests on two commercial fluted tube heat
exchangers. The average difference between the simu-
lated and measured pressure drops is 7.27% and the
average difference for the log mean temperature differ-
ence (LMTD) is 4.41%. A need was however identified
for an extension of the study to include results for a
wider range of fluted tube heat exchangers.
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